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Abstract 
 

The numerical simulation of contacting engine parts is a challenging target during the engine development 

process. Contrary demands like increasing use of light weight materials and tighter limits of admissible 

stress and strain increase the difficulty of designing low vibrating and low noise engines. The appropriate 

simulation tool has to meet conflicting demands in efficiency and accuracy, in addition. Moreover the 

prediction method must be capable to represent engines with arbitrary size and application area at all 

operating and loading conditions. Various excitation effects have to be covered. Besides the combustion, the 

excitation that results from impacts of body surfaces is an important source of structure borne noise and 

makes an accurate representation in a simulation methodology necessary. In addition to the vibro-acoustic 
excitation, these oil lubricated contacts between the surfaces mainly influences also friction and wear.  

This paper outlines a flexible multi-body dynamics simulation methodology that considers linear elastic 

bodies considering highly non-linear contacts. The contact models are both non-linear spring damper 

approaches and advanced mixed lubrication models that consider effects of mass, elasticity, surface 

roughness and hydrodynamics. The numerical integration of the resulting non-linear mathematical model is 

done in time domain.  

The first part of the paper discusses the mathematical formulation of the flexible multi-body simulation 

model. Both the representation of the linear elastic bodies and the highly non-linear contacts are outlined. In 

the second part, the paper focuses on the comparison of simulation results and measurement results to show 

the wide range of applications and the achievable result quality. In particular results on piston slap excitation, 

valve train and timing drive excitation, crankshaft motions, engine mount vibrations and structure borne 
noise simulation considering all excitation effects are considered.  

 

1 Introduction 
 

The efficiency in the acoustic development of new engines and power trains for modern vehicles can be 

significantly improved by capable prediction methods. The most important frequency range for the 

development process analysed is 0 to 5 kHz, where the for the significant engine noise relevant velocity 
levels occur.  

Deterministic (e. g. [3], [18], [19] and [20]) and statistical approaches [11] have been developed with 

different validity in the frequency range up to 10 kHz depending on the modal density. While deterministic 

models are used with sufficient quality and acceptable calculation effort up to 3.5 kHz, the statistic approach 

is limited by a lower boundary of about 1 kHz and requires former experimental results to be provided. 

Therefore, deterministic models based on Finite Element Method (FEM) have been used and combined with 
equations of multi-body dynamics (MBD) in order to refine the modelling of the reality.  



A flexible multi-body system consists of several bodies representing the different components. The motion 

of each body is restricted by its contacts to other bodies. The mathematical representation of these contacts 

is done by joints. The equations describing the motion of the flexible multi-body system are derived from 

linear elasticity theory using a Floating Frame of Reference formulation. Most generally speaking, the 

resulting equation system is an implicit differential equation system including pure algebraic equations. 

Since the joints introduce non-linear functional relations, it is not possible to solve the equation system in 

the frequency domain as well as it is also not possible to derive the analytical solution in the time domain. 
Hence, an efficient time integration method has to be used.  

The paper summarises details of the mathematical formulation of the flexible MBD system in the first part. 

Finally, several validation results will outline the MBD being a powerful method for prediction of structure 

borne noise of internal combustion engines.  

 

2 Multi-body Dynamics 
 

In this section the mathematical simulation model in terms of the representative equations is discussed. 

Because of the complex structure of a multi-body system, the total system has to be broken down into 

coupled systems. On one hand bodies, e.g. piston, piston pin, connecting rod and liner, with linear elastic 

behavior have to be considered. On the other hand joint connections, e.g. lubricated regions, considering the 

non-linear forces, acting between the connected bodies have to be considered. The mathematical modeling 
of these sub-systems will be resumed in the following section.  

 

2.1 Bodies  
 

Focusing on the motions of any specific body, the motion can be separated into global (gross) motions and 

local vibration motions. In addition, translatorial and rotational motions need to be considered for both 

global and local motions. From a mathematical point of view these arguments result in specific degrees of 

freedom, that are used to describe the motions of a body. All motion components and its derivatives in time 

of any body can be collected in one vector z , reading  
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In order to describe the global position and the global orientation of a component, global degrees of freedom 

have to be considered. 
3IR∈Bx and 

4IR∈Bθ  denote the global position and orientation coordinates, 

respectively. Rotations are parameterized by a 4-dimensional family of Euler parameters Bθ , [10]. 

3IR∈Ω  denote the three-dimensional angular velocities. 
3IR∈Bx&  denote the global velocity 

coordinates. Assuming a discretization with N  nodes (grid points), the elastic deformations of the total 

body can be separated in translatorial displacements and rotational distortion components. These 

deformation components are represented in the generalized displacement vector [ ]t

N21 qqqq ,...,,= . Each 

element of q  is a vector itself with three translatorial and three rotational motion components  
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The mathematical modeling of each body is based on Newton’s equation of momentum and Euler’s 

equation of angular momentum. This basis is well known in literature and can be found e. g. in [4]. 



Transforming these fundamental equations into a body fixed coordinate system and introducing linear 

elastic structural properties, results in the classical equation of motion for linear systems, reading  
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M , D  and K  denote the bodies mass, damping and stiffness matrix. As equation (3) is given in the 

bodies reference coordinate system, these structural matrices are time invariant and can be generated in a 

pre-processing step, ([1], [2], [12], [17]).  

The vector of external forces and moments extf  at the right hand side of equation (3) is a sum of exciting 

joint forces and moments ∗f  and external loads af   

∗+= fff aext .                                                                     (4) 

External loads (e.g. gas forces, valve train forces, output torque) are given functions in time domain 

determined from given measurement or precalculated data, [26]. The highly non-linear terms of excitation 

loads ∗f  are given by joints that connect one body to another (e. g. contact forces acting between a piston 

and liner resulting from solution of Reynolds equation). Various joint models for different applications will 

be outlined in the following section.  

The non-linear terms 
rbAccf  and 

gyrosf  consist of N  mass related components considering the inertia 

components that result from global motions of the body. The vectors result from the coordinate 

transformation of the equations of momentum and angular momentum into the bodies relative coordinate 

system. The vector 
rbAccf  contains the rigid body accelerations and reads  
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whereas  
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represents the gyroscopic terms considered for the total elastic body. 
i

m , 
i

c , 
i
ω  and 

i
I  denote the mass, 

the geometry vector, the vector of angular velocities and the inertia tensor of node i .  

From equation (3) both global motion quantities and local deformation are calculated in time domain, [14] 

and [5]. A unique separation of these quantities needs to be made sure. In order to obtain the separation of 

the overall results into gross motion and elastic quantities additional conditions need to be defined. Several 

strategies are provided for this purpose, see e. g. [14] and [5]. A set of reference conditions minimizing the 

square average of the relative displacements is used, which reads  
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The set of reference conditions (7) is based on the idea of minimizing the discrete weighted 
2L -norm of the 

displacements to ensure the distance to the linearization point remaining as small as possible in the 
2L -sense. As pointed out in [24] and [25], the linearization performed to the kinematics relation between 

strains and deformations that results in a linear stress tensor requires the elastic deformations to be as small 

as possible. The linearization is performed with respect to zero displacements. Hence, the origin of the 

moved reference frame has to be chosen in such a way that the displacements relative to the reference 

coordinate system are as small as possible. More details regarding this linearization aspect and the used 

floating frame of reference formulation can also be found in [5].  

 

2.2 Contact forces and moments  
 

For the computation of non-linear contact forces and moments ∗f  of each elastic body, a set of joint models, 

primarily designed for the simulation of the structural dynamics of internal combustion engines, will be 
discussed in this chapter. In this field, non-linear contact models need to be provided for  

• Piston – liner contacts  

• Radial slider bearings  

• Axial bearings  

• Engine mounts and 

• Rotational couplings of shafts.  

Basically, a wide range of joints is available. The simplest joint connection of two bodies can be done via 
spring – damper functions reading  

x∆∆xf &⋅+⋅= intint JoJo dk .                                                           (8) 

∆x  and x∆ &  denote the distance and its first derivative in time of the connected nodes. In the case of a linear 

spring damper model, the coefficients intJok  and intJod  are constant. For non-linear modelling, intJok  and 

intJod  are determined from the equations  
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The parameters 0k  and Bk  as well as 0d  and Bd  define the non-linear behaviour relative to a reference 

length Bx .  

This type of model can be applied to each of the above mentioned contacts. Due to the limitation of the 

simplified model, local effects as well as highly non-linear phenomena cannot be captured. For this purpose, 

higher sophisticated joint models have to be used for specific applications. Fast analytical approaches (e. g. 
according to [9] and [13]) can be used as well as more CPU time costly mathematical models.  



Especially in case of oil film lubricated contacts the well known Reynolds equation is used for computing 

the hydrodynamic pressure distribution of the oil film in a lubrication region between two bodies. 

Depending on the application, both a simulation with (elasto-hydrodynamics) and without (hydrodynamics) 

consideration of the structural dynamics of the connected shell body can be performed. Even if 

elasto-hydrodynamic calculation is more expensive in terms of CPU time, the influence of dynamical 

interactions makes the consideration of the corresponding effects necessary. Typical applications of (elasto-) 

hydrodynamic contact algorithms are radial slider bearings and piston to liner contacts. The Reynolds 
equation for the radial slider bearing contact reads  
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whereas equation  

( ) ( )
0

212

1

12

1 33 =
∂

⋅∂
+

∂

⋅∂
⋅

−
+








∂

∂
⋅⋅⋅

⋅∂

∂
−








∂

∂
⋅⋅⋅

⋅∂

∂
−

t

h

z

hww

z

p
h

zx

p
h

x

PistonLiner θθ
θ

η
θ

η
                    (12) 

can be used for representing the piston to liner contact, see e. g. [6], [14], [16], [21] and [22]. Both equations 

are solved for the hydrodynamic pressure p  in lubrication regions and for the fill ratio θ  in cavitation 

regions considering pressure boundary conditions at the geometry edges as well as at the position of oil 

supply (oil bores and oil grooves). The fill ratio describes the oil percentage in the gap between the two 

contacting bodies. As discussed in [22], θ  is within the interval (0,1] and enables a mass conservation 

calculation. h  is the clearance gap height. The oil film viscosity η  can be pressure dependent, obeying an 

exponential law, [16]. Shellu  and Journalu  as well as Linerw  and Pistonw   are the circumferential and axial 

velocity components of both connected bodies, that have to be considered in terms of boundary conditions 
according to Stoke´s stick condition.  

 

3 Simulation procedure  
 

The simulation procedure consists of three main steps: a pre-processing step, a simulation step and a 
post-processing step.  

In the first step, the geometry and the structural data of all engine components as well as all joint data are 

prepared and entered in the model.  

In the second step, the system of equations is solved in time domain. This system results from assembling all 

body equations within one equation system. With an increasing number of bodies in a model also the size of 

the resulting equation system describing this model rises. Since efficiency arguments are of importance with 

respect to the application, the special structure of the equation system is exploited when choosing 

appropriate numerical methods. The structure is related to the structure in the model. It yields a block 

diagonal system matrix with some off-diagonal entries, where each block corresponds to the equations for a 

particular body and the off-diagonal entries represent the couplings between the bodies introduced by the 

contact models. The time integration for the complete equation system is split and done separately for each 

body. The interaction between the different bodies is considered via coupling forces and moments. 

Moreover, the BDF method, is set up for a first order equation system derived from the second order 

equations of motion. The whole concept is explained in [14] in very detail.  

In the last step, result data of the time integration process can be extracted. Both detailed analyses of specific 
effects and global trend studies through 3D animations of the structural components can be done.  

 

4 Validation of the simulation methodology  
 

The simulation in time domain is carried out using the software AVL EXCITE, [3]. For this purpose, all 

model simulation data are defined within a pre-processing step. For each elastic body, this step includes the 



generation of the geometry and the structural matrices, reduction (condensation) of the number of degrees of 

freedom and the determination of external loads from measurements or simulation results. Both optionally 
condensed 3D volume models (e. g. [1], [2] or [12]) and structured models, [17], are considered.  

In the following section, the paper focuses on the comparison of simulation results and measurement results. 

In particular results on piston slap excitation, valve train and timing drive excitation, crankshaft motions, 

engine mount vibrations and structure borne noise simulation considering all excitation effects will be 
discussed. 

 

4.1 PISTON SLAP EXCITATION TRANSFER TO THE ENGINE BLOCK SURFACE 
 

For the purpose of validation, calculations and measurements were carried out for a turbo charged 4 cylinder 

truck Diesel engine. The engine vibration was measured with several accelerometers installed on the engine 

block surface and at the cylinder liner. The left part of Figure 1 shows the positions of the accelerometers. 

The three marked accelerometers were positioned at the major thrust side of cylinder 4 at different heights in 

order to show the influence of the piston slap as well as of other excitation sources. Figure 2 depicts the 

measurement results in time and frequency domains at 2000 rpm, full load. The results on the cylinder liner 

(acc8), show the piston slap event 4 degrees crank-angle (CRA) after firing top dead center (FTDC) clearly. 

Strong vibrations can be observed in the period of 0 to 24 degrees CRA. The measured results on the block 

surface at positions acc10 and acc15 show less structural response to piston slap than those at acc8. 

Specifically, at acc15 the slap event is overwhelmed by other excitation sources (e. g. combustion, 

crankshaft, timing drive). Therefore, it appears that the response of this engine is not critically influenced by 
piston slap excitation.  

 

       

Figure 1: Left: Positions of accelerometers at the liner (acc8) and at the engine block surface (acc10, 

acc15) – cylinder no. 4, thrust side; Right: Calculation model considering 3D volume models for the 

engine block, the crankshaft and the piston. Connecting rods and the piston pin in cylinder 4 are 

represented by structured models  

 

In order to evaluate the transfer of the piston slap excitation through the engine block structure (first steps in 

this area can be found in [9]), a comparison between calculated and measured results is discussed in this 



section. The investigations were done for an engine running condition of 2000 rpm, full load, considering 
hydrodynamic contact conditions between piston and liner according to equation (12).  

 

 

Figure 2: Measured structure accelerations for cylinder liner (acc8) and block (acc10, acc15) at 2000 

rpm, full load 

 

Figure 3: Comparison of measured and calculated accelerations at the cylinder liner (acc8) at 2000 

rpm, full load 

 

The combustion as well as the output torque are considered in terms of external forces and moments. The 

combustion pressure curve is taken from measurement data. The corresponding loads, integrated to nodal 

forces, are applied to the cylinder head, to the small ends of the connecting rods of cylinders 1, 2 and 3 and 

to the piston of cylinder 4. The output torque at the crankshaft is pre-calculated considering the crank train 

kinematics. For the sake of saving CPU time in the planed analyses, a 3D volumetric model of the piston is 

used only in cylinder 4. Cylinders 1 to 3 are equipped with simple piston masses guided in the cylinder 

symmetry, (see Figure 1). Consequently, the detailed elasto-hydrodynamic calculation is carried out in the 

contact between the piston skirt and the liner of the fourth cylinder according to equation (12). Furthermore, 

surface profiles of the contacting parts are prepared, considering deviations from nominal contours due to 



manufacturing, thermal and assembly loads in the running engine. The necessary steps as well as the used 

surface profiles are discussed in [8]. Both the four big end and the small end bearings in cylinder 4 are 

represented by spring-damper functions according to equation (8). The five main bearings are represented 

by a hydrodynamic model that is outlined in [9]. For engine block and the crankshaft, 3D volumetric models 
are considered.  

In order to focus on the piston slap related excitations, results are evaluated at FTDC of the 4
th
 cylinder only. 

Figure 3 and Figure 4 show a comparison of measured and calculated acceleration results on the cylinder 

liner and on the engine block surface. At the cylinder liner (acc8), the calculated accelerations show good 

correlation with the measured data in both time and frequency domains. The accelerations due to piston slap 

and gas load oscillations can be clearly seen. The main differences between measured and calculated results 

occur in the amplitudes. The reason for this effect has been already described in [8]. It can be related to the 
amount of oil between piston and liner in FTDC being too high in the calculation.  

A comparison of measured and calculated accelerations on the engine block surface (acc10) is illustrated in 

Figure 4. The calculated acceleration results show good correlation with measurement data in time domain 

as well as in frequency domain. Both the events with respect to time and the magnitudes show a good 

correlation up to 36 CRA. A small time shift of about 2 CRA can be noticed. Although, this is subject of 

ongoing work, too, it can be mentioned that this time shift is in the same range as variations occurring with 

different engine cycles measured.  

The piston slap excited accelerations are not dominant compared to other sources in both figures. 

Furthermore, the vibrations due to gas load oscillations can be observed in the interval from 12 CRA before 
FTDC till FTDC.  

 

 

Figure 4: Comparison of measured and calculated accelerations at the block surface (acc10) at 2000 

rpm, full load 

 

4.2 VALVE TRAIN AND TIMING DRIVE EXCITATION  
 

In addition to the low-frequency dynamics determined by the engine orders, high frequency oscillations 

occur in the timing chain drives of passenger car engines. These are caused by polygon effects or meshing 

impacts, correspond to the meshing frequency and cause a narrow band excitation of the structure audible as 

a speed dependent whine noise. The high-frequency excitation is typically transferred to the engine at 

support positions of shafts, sprockets, guides and at the tensioner. The numerical simulation of this 



excitation mechanism requires detailed models of chain and chain tensioner, [6]. Additionally the 

interaction between the sub-systems (e.g. chain drive and camshaft) must be considered by modeling the 

entire timing drive, [27]. Thus, camshafts as well as all driven valve trains are modelled and regarded as 

members of the entire multi-body representation. The resulting fully coupled model of the timing drive that 
is depicted in Figure 5, is a key point for correct reproduction of chain-drive/camshaft interactions.  

 

 

Figure 5: Timing drive components  

 

 

Figure 6: Comparison of measured and calculated intake transducer speed fluctuations in time (left) 

and order (right) domain  

 



Structural excitation was investigated for a silent chain configuration, [23]. Figure 6 shows the comparison 

of measured and computed intake transducer speed fluctuations. The right part of the picture outlines the 

whole engine speed range whereas several specific engine speeds are outlined in the left part of the picture. 

Comparing both the whole engine speed range results and the time domain results of the specific engine 

speeds shows a good correlation of measured and calculated curves.  

 

4.3 CRANKSHAFT MOTION  
 

 

Figure 7: Measured and calculated accelerations of the crankshaft front end (pully) in three global 

engine directions at 1200 rpm 

 

This section outlines an analysis, that has been performed for an inline 6 cylinder diesel truck engine at an 
engine running condition of 1200 rpm.  

Structured models (connecting rods, crankshaft) as well as 3D volume models (engine block) were used for 

representing the separated engine components. The masses of the pistons are considered as additional 

masses in the connecting rod small ends. Engine mounts, big ends, axial bearings, main bearings and piston 
guidance were modelled via non-linear spring damper functions according to equation (8).  

In addition to the excitation and the interaction of the contacting bodies due to multi-body dynamics, several 

excitations are considered in terms of external force and moment components. The combustion as well as 

the output torque are represented by external forces and moments. The combustion pressure curve was taken 

from measurement data. The corresponding loads, integrated to nodal forces, are applied to the cylinder 

head and to the small ends of the 6 connecting rods. The piston side forces are calculated in a pre-processing 

step, [6], and are applied to the cylinder liner surface via external components, also. In addition, structural 

excitations resulting from the timing drive (injection drive) are applied to the engine block structure. For this 



purpose, force components resulting from injectors, rockerarms, followers and cams as well as rockerarm / 
follower support, valve spring support are computed in a pre-processing step, [26].  

The main goal of this study was a comparison of measured and calculated crankshaft accelerations. Based 

on this comparison the validity of the presented multi-body simulation concept should be documented. 

Figure 7 shows measured and calculated accelerations of the crankshaft front end over one engine cycle. The 

curves are given relative to the three global engine directions crankshaft axis direction, thrust direction and 

cylinder axis direction. Measured and calculated result data show a good correlation in crankshaft axis 

direction as well as in cylinder axis direction. The differences in thrust direction result from an inaccurate 

main bearing modelling, that is done using joints according to equation (8). In general, both the global 
tendency and local phenomena are predicted from the simulation methodology with excellent accuracy.  

 

4.4 ENGINE MOUNT VIBRATIONS  
 

 

Figure 8: Comparison of measured and calculated accelerations [dB] in vertical direction of the 

engine front end mount for different engine orders  

 

A validation of the engine mount vibrations modelling has been done for a front-transverse configuration of 

a sport car. Calculated result data were again compared with measurement data. Both the measurements and 

the calculations were done quasi steady state at specific engine running conditions and transient over the 

whole speed range. The mathematical representation of the engine mount contact has been done according 

to [7]. Figure 8 depicts accelerations in vertical direction of engine front end mount for different engine 

orders.  

A general comparison of the separated curves outlines a good correlation both in absolute values and 

tendencies. Analyzing especially the second order comparison shows a difference of the calculated results 

compared to measurement. This effect results from an inaccurate representation of the connecting rods and 

the pistons masses within the multi-body model.  



4.5 STRUCTURE BORNE NOISE SIMULATION CONSIDERING ALL EXCITATION EFFECTS  
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Figure 9: Exploded view of the FEM models of engine parts of a truck engine, w/o crank train 

 

  

Comparison of measured (green) and calculated (red) 

normal vibration velocity levels at P 15  

Comparison of measured (green) and calculated (red) 

normal vibration velocity levels at P 16  

 
 

Figure 10: Observation points (measurement and calculation) and vibration velocity levels at engine 

surface 1/3 octave band of 1600 Hz at 2300 rpm, full load  

 

This section discusses a 6 cylinder truck Diesel engine that has been investigated for the purpose of 

validation. Figure 9 shows details of the engine model required in order to simulate structure borne noise up 



to 3 kHz. The required FEM mesh density of the model depends on its modal behaviour in frequency 

domain. The higher the modal density of the structure parts in the analysed frequency range the smaller the 

maximum size of the FEM elements in the meshing. Automatic mesh generation accelerates the model build 

up significantly. For the vibro-acoustic simulation, the models of the crank train and the model of the engine 
are composed.  

The vibration simulation was carried out in time domain for different speed and load conditions. The 

structure excitation was pre-calculated and considers the following sources of noise excitation: the gas load 

in the cylinders, the timing drive impacts in the cylinder head (valve seats, camshaft bearings, etc.) and the 

piston slap impacts in the cylinder block. The simulation results give the engine surface vibrations in time 

domain (perpendicular to the engine surface) and are converted to frequency domain by means of Fast 

Fourier Transformation (FFT).  

Figure 10 shows typical simulation results up to 3 kHz at an engine running condition of 2300 rpm, full load. 

In the upper part of Figure 10 velocity levels of two surface points are plotted in frequency domain. Both 

observation points are situated at cylinder no. 5, one in the cylinder centre and one at the oil pan flange. The 

comparison with measured results underlines the quality of the simulation results. The lower part of Figure 

10 shows integral vibration levels in the third octave band of 1,6 kHz. Comparing the results of 

measurement and calculation, the quality of results that are possible for the prediction of absolute noise 

levels can be observed. This precision is presently in the range of about 3 dB and requires precise models for 
the structure and the excitation as mentioned in the previous part of the paper.  

 

5 Conclusion  
 

The paper outlines the mathematical background of the flexible multi-body dynamics simulation with 

special consideration of structure borne noise prediction of internal combustion engines and power units. 

The application of the calculation procedure is demonstrated with AVL EXCITE. Specific problems of 
mathematical modelling for these applications are discussed and solutions are shown. 

The validation examples shown in the paper confirm the quality of the introduced simulation methodology. 

Thus, a main progress in providing an integrated simulation tool for modern engine development process is 

shown, which is applicable not only to NVH targets but also to tasks where stress and durability results are 
required.  
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